Abstract. Based on RMS averaging of the frequency response functions of the absolute acceleration and relative displacement transmissibility, optimal parameters describing the hydraulic engine mount are determined to explain the internal mount geometry. More specifically, it is shown that a line of minima exists to define a relationship between the absolute acceleration and relative displacement transmissibility of a sprung mass using a hydraulic mount as a means of suspension. This line of minima is used to determine several optimal systems developed on the basis of different clearance requirements, hence different relative displacement requirements, and compare them by means of their respective acceleration and displacement transmissibility functions. In addition, the transient response of the mount to a step input is also investigated to show the effects of the optimization upon the time domain response of the hydraulic mount.
Introduction
Hydraulic engine mounts (HEM) are seeing increased use in today's vehicles noting the trend towards lighter fourcylinder, front-wheel drive vehicles [1] . The engines utilized typically exhibit excitation frequencies in the range of 25-200 Hz with amplitudes generally less than 0.3 mm [2] . In addition, the engine mounts are subject to excitations caused by rough road surfaces. The excitation induced courtesy of rough road surfaces typically is low frequency, usually under 30 Hz, and high-amplitude in nature [1] . Therefore, the engine mount must serve two seemingly contradictory functions, controlling engine behavior due to road excitations and isolating engine-induced vibrations by providing variable damping and stiffness across the entire frequency spectrum. For this reason, the engine mount must provide a frequency dependent and amplitude dependent behavior such that at high-amplitude/low frequency excitations the mount should provide high stiffness and damping characteristics, where as at low-amplitude/high frequency excitations the mount should provide low stiffness and damping characteristics [3] .
In order to accomplish an amplitude and frequency dependent behavior, the mount must contain a variable damping mechanism that is sensitive to input excitations, in terms of both amplitude and frequency. The most common method in passive hydraulic engine mounts is the use of a device known as the decoupler, illustrated in Fig. 1 . The decoupler is simply a floating disk contained within a cage limiting its travel. The reason such a device provides amplitude and frequency dependent behavior is that under high amplitude-low excitation frequency vibrations, the decoupler closes due to the pressure differential in the chambers of the hydraulic mount shown in Fig. 1 . Once the decoupler closes (impacts the cage bounds), very minimal, if any, flow is allowed through forcing the pressure differential in the fluid chambers to be equalized by flow through a long, small diameter tube known as the inertia track. The inertia track, noting its dimensions with respect to the decoupler, causes a highly restrictive flow path thereby increasing the damping coefficient associated with the mount. However, when the mount undergoes low amplitude-high excitation frequency vibrations, the decoupler does not come into contact with the cage bounds meaning that fluid may freely pass through it in order to equalize any pressure difference between chambers thereby providing a minimal damping coefficient associated with the mount. This dual damping property provides a good means by which to alter the transmissibility of the mount by providing high damping during low frequency excitations and low damping during high frequency excitations. If one considers the behavior of a linear single degree of freedom (s.d.o.f.) system across the frequency spectrum the need for such a device clearly illustrates itself as is visible in Fig. 2 illustrating the transmitted force to the sprung mass of a base excited system [4] .
As may be seen in Fig. 2 , the s.d.o.f. mount undergoes very favorable behavior during low frequency excitations assuming a high viscous damping coefficient (ξ). However, if the damping coefficient remains constant, the mount transmissibility grows excessively as excitation frequency increases. On the other hand, if a mount with a very low viscous damping coefficient is utilized; such a mount exhibits excessive transmissibility through the low excitation frequency spectrum. However, as the excitation frequency increases such a mount exhibits lower transmissibility than the similar mount with high damping. Therefore, the hydraulic engine mount is utilized to provide a dual mode damping that is relatively high during low frequency excitations due to the decoupler closing and relatively low during high frequency excitations.
Because the shift from high to low damping modes of the hydraulic engine mount depends strongly on the dimensions of the decoupler, it becomes quite important when undertaking any optimization process to consider the decoupler geometry. However, the decoupler geometry alone does not fully control the switching point between high and low damping, the inertia track geometry is also important. For example, if the inertia track is too large in cross-sectional area, it will fail to provide sufficient additional damping to the system when the decoupler closes. In addition, the inertia track will then provide a means for more rapid equalization of pressure between chambers noting the lower resistance to flow provided by the larger cross-sectional area. However, if the inertia track is too small, the fluid may not be able to flow sufficiently through the inertia track to equalize the pressure difference between chambers in a rapid manner, causing the mount to behave as if it just contained the decoupler. This type of inertia track geometry may not allow the damping of the mount to decrease as the excitation frequency increases; therefore, the mount behavior would suffer at high frequency excitations. This is why the internal geometry of the mount must be considered as a whole and optimized in a manner that will provide the desired switching behavior.
Mathematical model
In order to optimize the behavior of the HEM as an overall response of a base excited system, an appropriate mathematical model must be developed using the lumped parameter model shown in Fig. 3 . However, to utilize such a lumped parameter model a method of determining the equivalent fluid mass and flow resistance of both the decoupler and inertia track must be developed. Literature to date has shown good results utilizing the following relationships to describe said quantities [5] .
Equations (1) and (2) provide a means to describe the flow resistance through a fluid channel in the engine mount. Equation (3) provides a means for calculating an effective mass for the fluid columns. With these equations, it is now possible to determine the equations of motion utilizing the lumped parameter model.
Equations (4) and (5) describe the fluid flow rate through the decoupler and inertia track respectively. Equations (6) and (7) are utilized to describe the conservation of momentum through the fluid channels. In addition, Eq. (6) contains the nonlinear function developed by Jazar and Golnaraghi to describe the decoupler closing event by providing a variable flow resistance dependent upon the position of the decoupler [3, 6] . Equations (8) and (9) ensure continuity in the system and are utilized in conjunction with the flow rate and conservation of momentum equations to arrive at the final system of equations. However, to fully describe the system, the behavior of the engine mass must be considered as follows.
Equation (10) defines the behavior of the engine mass supported by the HEM while undergoing base excitation as is shown in Fig. 3 .
where:
Equations (11) and (12) describe the behavior of the engine mass supported by the HEM in conjunction with the behavior of the fluid in the internal passages of the mount. However, to make these equations of motion suitable for perturbation analysis, the equations must be written in a nondimensional form by introducing the following nondimensional parameters. (13) introduces the time transformation parameter Ω by considering this property to be equivalent to the linear model natural frequency of the decoupler fluid column. The advantage of using this parameter opposed to any other is that by using this parameter the remainder of the nondimensional parameters containing Ω are forced to be functions of the decoupler geometry; hence, the decoupler mass and area. This advantage will be realized later during the optimization process.
Utilizing the parameters in Eq. (13), the equations of motion given in Eqs (11) and (12) may be expressed as follows.
To make Eqs (14) through (16) suitable for perturbation analysis the following nondimensional parameters are introduced.
Using the parameters in Eq. (17) in conjunction with Eqs (14) through (16), the following equations of motion are realized.
Notice that the nonlinear term in Eq. (19) (αu 2 d ) is more simplified than originally expressed in Eq. (11) . This term controls the restricted behavior of the decoupler and necessitates the use of perturbation techniques such as the averaging method to achieve an analytical solution. To utilize the averaging method to determine the frequency responses of the system governed by Eqs (18) through (20), the following solutions are assumed.
Now Eqs (21) through (29) are substituted into Eqs (18) through (20) and utilized in conjunction with Eqs (30) through (32) to obtain expressions for the time derivatives of the amplitude and phase lag components of the solution (expressed in Appendix A). Next these solutions may be integrated over one period of oscillation (T ) as follows. Note these integrals must equal zero to obtain a steady state solution [7] .
The results of the integration in Eqs (33) and (34) are as follows.
Equations (39) and (40) may be used to obtain a frequency response function regarding the relative behavior of the engine mass. In addition, the frequency response of both the decoupler and inertia track are not of critical importance to the optimization process; therefore, if desired, the reader may investigate the behavior of the decoupler and inertia track across the frequency spectrum in the following references [3, 6] .
Utilizing Eqs (39) and (40) and solving for the cos and sin terms allows use of the trigonometric identity sin 2 + cos 2 = 1 to arrive at the following frequency response function describing the relative engine mass displacement.
Normally Eq. (41) would be solved for w to obtain w = f (r); however, for the purpose of this optimization process it becomes advantageous to determine r = f (w) noting such a solution may readily be obtained.
In order to optimize the engine mount, information regarding the absolute acceleration of the engine mass must be obtained. To achieve the frequency response function regarding the absolute acceleration, the relative displacement frequency response function must be transformed into the absolute displacement frequency response function noting that the first approximation to the solution of the relative motion equation is q(τ ) = r(w) cos(wτ + φ(τ )). Notice that a solution regarding the absolute displacement is sought in the form u(τ ) = β(w) cos(wτ + γ(τ )). Also note that q = u − sin(wτ ); therefore, after using the appropriate trigonometric identities, the solution for the absolute displacement may be expressed as follows.
Utilizing Eq. (43), the absolute acceleration frequency response function may be defined as follows.
Optimization process
The determination of an optimum design for a set of constraints is dependent upon the choice of cost functions. For this analysis the cost functions are functions of both the absolute acceleration and relative displacement frequency responses. More specifically, the cost function is defined by the root mean square (RMS) value of the absolute acceleration and relative displacement as follows [10] .
Noting that numerical integration of Eqs (45) and (46) yields a three-dimensional surface of possible values of ω m and d by which to find an appropriate combination to use as parameters defining the hydraulic mount it becomes advantageous to seek an expression to define a minimum relationship between R and ηu. Note that the RMS solutions from Eqs (45) and (46) result in a large number of possible mount configurations which may not necessarily be optimal solutions. In addition, the optimization analysis requires a minimum of absolute acceleration for a specific relative displacement; therefore, a relationship between Eqs (45) and (46) must be found. More specifically, it becomes advantageous to find the first derivative of R with respect to η. However, Eqs (45) and (46) show there is no direct relationship between these variables; therefore, the following use of derivatives is employed to obtain such a relationship.
Equation (47) gives the necessary relationship to find a minimum between R and η; however, there is no guarantee that this solution ever exactly equals zero due to the numerical integration in Eqs (45) and (46) and the numerical differentiation then required by Eq. (47). However, it does become obvious that for a local minimum to exist there will be a change of signs of the derivative near the location of the minimum; therefore, a linear interpolation between said points will be utilized to approximate the location of the minimum. Before the interpolation process may be implemented a method of numerically differentiating Eq. (47) must be determined. There are many methods for numerical differentiation available and discussions on these methods may be found in any numerical analysis text; however, for this analysis a central difference approximation will be utilized and expressed in indicial notation as follows.
The differentiation process outlined in Eq. (48) is a standard central difference approximation where H is equivalent to the step size in d [8, 9] . Now that the derivatives are obtained the local minimum can be interpolated as follows.
With the optimum line defined it becomes important to determine the relationships between d and ω m to actual geometric properties of the mount. More specifically, using Eqs (13) and (17) the following relationships between the inertia track and decoupler are found.
Equations (50) and (51) illustrate the required decoupler gap size and inertia track area as a function of ω m and d where t d is the thickness of the decoupler disk noting that the length of the decoupler is 2∆ + t d .
Numerical analysis
As an additional check on the nonlinear analysis, a numerical analysis was utilized. However, the numerical analysis provides its own set of unique challenges. For example, in order to achieve a frequency response the equations of motion must be solved for a certain time domain sufficient enough to obtain a steady state response. This process is repeated at several frequency values until the entire frequency range of interest is explored. The difficulty enters in at the determination of the steady state solution. More specifically, when does the numerical time domain solution achieve a steady state condition? In many algorithms, the steady state solution is obtained by solving the time domain solution for several oscillations of the solution and then the amplitude of the solution is obtained. Next, the solution is obtained for a larger number of oscillations, and the amplitude is taken and compared to the previous solution. If the two solutions match within a reasonable tolerance, the solution is considered to be steady state in nature. While this method is effective, it is not very efficient from a computational and mathematical perspective. This investigation utilizes a new method based on the energy-rate method proposed by Jazar [11] . This method finds the total energy of the system, differentiates it with respect to time to achieve a rate of change of the total energy, and then the solution is integrated over one period of oscillation. If this integral equals zero the solution is behaving in a steady state manner.
To apply this method to the nonlinear model of the hydraulic engine mount a description of the rate of change of energy must be found. Such an equation may be described in the following format [11] .
To apply Eq. (52) to the hydraulic engine mount system, Eqs (18) through (20) may be written as follows. 
Equations (53) through (55) may now be integrated numerically over one period of oscillation (T ) as follows.
Equations (56) through (58) are utilized to determine if the system is at a steady state condition. If these equations do not equal zero, the numerical solution is obtained for another period of motion. This process is repeated until the Eqs (56) through (58) approach zero within a reasonably small tolerance.
Results
The frequency response functions of the system supported by a hydraulic mount are of critical importance to the optimization process; therefore, the validity of the frequency response functions is checked on an existing model of a hydraulic engine mount (values for this mount are given in Table 1 ). Figure 4 illustrates the nondimensional behavior of the relative engine mass displacement, Fig. 5 illustrates the absolute displacement of the engine mass, and Fig. 6 illustrates the absolute acceleration of the engine mass. As is readily apparent in Fig. 4 , the system behaves in a manner similar to a linear system even though the hydraulic engine mount is inherently nonlinear. However, this is not totally unexpected noting that the primary spring of the system, the upper rubber structure of the mount, is modeled as a linear spring. In addition, a large portion of the damping of the mount comes directly from the hysteresis inherent in the upper rubber structure. As with the stiffness of the upper rubber, the damping was modeled as an equivalent linear viscous damper. Therefore, noting the prevalence of such factors, the appearance of linear-like behavior is not surprising.
Figures 7 through 9 illustrate the frequency responses of the system as a comparison between numerical solutions and the solutions obtained via the averaging method. As is readily apparent, the solutions match almost identically throughout the entire frequency spectrum analyzed thereby verifying the averaging method solution.
Before undertaking the optimization analysis, it becomes advantageous to note the sensitivity of the frequency response solutions to changes of parameter values; therefore, Figs 10 through 15 illustrate the effects of altering the damping and stiffness terms of the engine mass equation to the relative and absolute displacements in conjunction with the absolute acceleration. Figure 10 illustrates the relative engine mass displacement and its response to changing the damping value associated with the mount. As is typical with any vibration isolation system, increasing damping decreases the amplitude in the domain of primary resonance. This behavior is again noted in Fig. 11 , which displays the absolute engine mass amplitude. However, in this figure, it becomes apparent that under higher frequency excitations, the amplitude increases as the damping term increases in magnitude. Again this is typical of vibration isolators. Figure 12 illustrates the response of the absolute acceleration to the effects of changing damping values. Again, the behavior appears typical of most vibration isolators. However, here the effects of changing the damping become more obvious than in Figs 10 and 11. Here it may be shown that by altering d, the cross-sectional area of the inertia track is being altered. Looking at the definition of d given in Eqs (13) and (17), it may be seen that by increasing the value of A i actually decreases the value of d; however, if the value of A i is decreased, the value of d increases. More specifically, this says that the inertia track geometry becomes very critical to the overall damping of the mount, especially noting that B r , the equivalent damping of the upper rubber structure, is very difficult to alter in any appreciable manner. Figures 13 through 15 illustrate the behavior of the engine mount while holding the damping value constant and varying the stiffness value of the mount. Figure 13 illustrates the relative displacement of the engine mass, Fig. 14 illustrates the absolute displacement of the engine mass, and Fig. 15 illustrates the absolute acceleration of the engine mass. As can be readily noted, changing the stiffness terms directly influences the resonant frequency of the mount. In addition, if Fig. 15 is examined, the transmissibility of the mount is greatly altered by small changes in the stiffness of the mount. More specifically, if the parameters in Eqs (13) and (17) are analyzed, the decoupler properties play a critical role in determining the resonant frequency. More specifically, the decoupler area and mass, which is a function of the length of the decoupler and hence the gap size greatly effect the location of the resonant frequency, and hence the switching point between high and low damping modes. Therefore, by altering the decoupler length, the mass of the fluid in the decoupler is affected and the stiffness of the mount is affected. It becomes apparent in Figs 13 through 15 that by altering said properties, the overall behavior of the engine mount is greatly affected. Most notably, if a larger gap size is used, the mass of the fluid in the decoupler increases and the decoupler resonant frequency will occur earlier. However, the primary resonant domain of the mount occurs later in the frequency spectrum due to the increase in the overall mount stiffness (ω m ). In addition, Figs 13 through 15 illustrate that as ω m increases so does the peak amplitude. More specifically, because the decoupler gap size is increasing, the switching point between high and low damping modes occurs earlier in the frequency spectrum, and because the mount is becoming less damped the peak amplitude increases accordingly. Such logic becomes advantageous when trying to determine the optimal location of the switching point for the mount. The switching point is the point in which the decoupler changes from large amplitudes, closing of the decoupler, to small amplitudes, the decoupler remains open. This point greatly affects the transmissibility of the mount as is readily apparent in Fig. 15 . More specifically, if the primary resonant frequency is shifted upward, smaller decoupler gap size, the acceleration transmissibility becomes lower in magnitude than if the decoupler gap size is increased. In addition, this also allows the mount to provide lower relative and absolute motion of the engine mass as is apparent in Figs 13 and 14 . However, the stiffness of the mount is not solely dependent upon the decoupler properties; it also is a function of the overall stiffness of the engine mount, the fluid density, and the properties of the inertia track. The appearance of these other factors in the value of the stiffness, hence primary resonant frequency, of the engine mount introduces difficulty in the determination of an appropriate method for optimization. It becomes apparent that some sort of cost function must be utilized to determine the optimal method for determining the decoupler and inertia track geometry in conjunction with choosing an appropriate fluid, and in choosing an appropriate stiffness value of the upper rubber structure. Therefore, Eqs (45) and (46) are utilized as cost functions to weigh the importance of these variables across the frequency spectrum of interest, which for the purposes of this analysis is below 30 Hz. Figure 16 illustrates the multidimensional surface produced by Eqs (45) and (46) projected to the R-η plane to make a useable design chart by which the hydraulic engine mount may be optimized. Figures 17 and 18 show Fig. 16 broken into its respective components. Figure 17 illustrates the effects of keeping the system damping constant while varying the stiffness of the system. Where as Fig. 18 illustrate the effects of keeping the stiffness of the system constant and varying the damping value. Overlaying Figs 17 and 18, Fig. 16 may be obtained. Figure 16 may be utilized to obtain information regarding the ideal damping and stiffness values for the mount while operating within a certain displacement constraint and keeping acceleration to a minimum. More specifically, if any one variable is imposed upon the system as a constraint it becomes possible to find the optimum system parameters to minimize the remaining variable. Figure 19 illustrates the existence of a line of minima between the RMS of the acceleration and relative displacement transmissibility's. More specifically, Fig. 19 illustrates the line of minima to exist at the intersection of two surfaces. One of these surfaces is a plane at the location of R IJ,η is equal to zero, and the other surface represents the results of the numerical differentiation in Eq. (47) plotted against d and ω m . With the line of minima defined it may be noted that any point on this line yields the appropriate damping and stiffness values for the hydraulic mount if relative displacement is known as a constraint and acceleration is desired to be at a minimum. Figure 20 illustrates the line of minima projected onto the R-η plane from Fig. 16 to make this line a useable feature of the design chart. Figure 21 is a magnification of Fig. 20 in the low acceleration, high amplitude region of the chart to better illustrate the line of minima. In addition, Fig. 21 provides a more useable design chart for designs that may be concerned with said region (see Appendix B for a table of values defining the line of minima). the engine mass respectively. Notice that the two points, points 1 and 2, illustrate the lowest amplitude as can be expected noting these points exist on the line of minima, where as the frequency responses arising from points 3 and 4 exhibit substantially higher resonant peaks as compared to points 1 and 2. This however is easily explained noting that points 3 and 4 lie substantially far from the line of minima and therefore must not exhibit an optimum frequency response.
Figures 25 and 26 also illustrate that from a displacement constraint perspective, point 2 is by far the superior candidate in comparison to the remaining points. However, point 1 also exhibits relatively low amplitude near resonance when compared to the frequency responses of both points 3 and 4. However, to verify if point 2 is an ideal model it becomes desirable to investigate the acceleration transmissibility of the four points. Figure 27 illustrates the acceleration transmissibility of the four configurations. Here it may be seen that again points 1 and 2 illustrate better behavior than points 3 and 4 in the low frequency spectrum below resonance. However, as frequency increases, point 2 exhibits a relatively high transmissibility as compared to the other three points. This figure shows that if minimized acceleration transmissibility is the goal of the design, as is often the case, that point 1 is the optimal design noting its relatively low acceleration transmissibility and acceptable displacement transmissibility. Line of Minima Figures 28 and 29 illustrate the relative displacement and absolute displacement frequency responses respectively. These figures illustrate that as the value of damping increases along the line of minima, hence stiffness, the displacement transmissibility is greatly reduced. However, if the absolute acceleration illustrated in Fig. 30 is considered, the results of increasing the damping along the line of minima show an increase in acceleration transmissibility. This follows suit with the line of minima curve illustrated in Fig. 20 . From the analysis of these figures it becomes obvious that to maintain a minimum of acceleration transmission across the frequency spectrum that larger amplitude constraints must be accepted. However, if only very low frequency excitations are of concern it may be advantageous to employ a slightly higher damping to minimize displacement transmissibility while keeping in mind that this entails larger acceleration transmission at higher frequencies. More specifically, from Figs 28 through 30 it becomes obvious that there exists some critical value of the inertia track cross-sectional area noting that this term is the term that most readily affects the damping of the mount. If the area of the inertia track is less than the critical area value it becomes obvious that the mount will exhibit excessive damping and fail to provide the appropriate switching mechanism. However, if the area of the inertia track is too large, the mount may be under damped and not provide sufficient isolation during primary resonance. 
Line of Minima

Transient response
Many times in problems relating to vibrating systems knowledge of the transient response of the system is desirable to gain insight on system behavior due to random excitations. Therefore, it becomes desirable to see how optimization in the frequency domain affects the transient behavior of the system to a step input. To determine the transient responses of the hydraulic mount, the fourth order Runge-Kutta method was employed to solve the equations of motion numerically. The transient response was calculated by imposing a step input to the initial position of the engine mass.
Figures 31 and 32 illustrate the response of the engine mass due to a step input. As is readily apparent, the oscillation of the system defined by point 2 dies the fastest, but this system also exhibits the highest damping of the four points compared. The transient responses of the systems defined by points 1 and 4 illustrate the same natural frequency, but different damping. However, these points show almost identical transient responses. Both of these systems oscillations die relatively quickly, however they do not die as rapidly as the system defined by point 1. The system defined by point 3 takes the longest to die, and in comparison to the frequency responses of this system, it appears to be less than ideal for consideration as a design concept.
Figures 33 and 34 illustrate the internal mount behavior of the same four points due to a step input. The internal behavior of the mount becomes important in verifying the functionality of the inertia track and decoupler components after the optimization analysis. Figure 33 illustrates the flow rate through the decoupler for the four points under consideration. Here it may be seen that all points cause the closing of the decoupler, signified by a bounding of the flow rate through the decoupler. However, it becomes obvious that the system governed by point 2 never allows the decoupler to open; therefore, the only flow between chambers is through the inertia track. Figure 34 illustrates the flow through the inertia track, and as before, the time domain solutions for points 1 and 4 coincide. In addition, the flow rate through the inertia track of the system defined by point 2 can be observed to have the smallest amplitude. This is due to the higher overall damping of the system because of the smaller cross-sectional area of the inertia track. Therefore, the flow rate through the inertia track is less than the other systems investigated. Figure 35 illustrates the pressure difference between the fluid chambers of four different configurations of the mount undergoing a step input. Notice that because the decoupler is almost always closed (see Fig. 33 ) the pressure difference between chambers must be equalized via the inertia track. Therefore, after comparison between Figs 34 and 35 it may be seen that the pressure difference slightly leads the inertia track flow noting it is the pressure difference that drives the flow through the fluid passages.
Conclusion
This paper has shown that an optimum hydraulic engine mount system can be determined in a frequency domain using an RMS averaging of the frequency response functions. The results of the RMS averaging provide insight that allows the development of a design chart by which appropriate mount parameters may be selected based upon space/displacement constraints or acceleration constraints. It has also been shown that using the RMS averaging technique results in a line of minima illustrating an optimum relationship between acceleration and displacement transmissibility. This line of minima is defined by a series of points consisting of different mount parameters. It has also been shown that to influence the overall damping of the system, the inertia track becomes the critical component; where as the decoupler geometry has the greatest impact upon the primary resonant domain. More specifically, the decoupler geometry contributes to the location of the primary resonant domain and hence the location of the switching point between damping modes. In addition to exploring the mount behavior in the frequency domain, the transient response of the system also was investigated. This analysis showed that not only does the RMS averaging technique provide an optimized solution in the frequency domain, but also provides a system with an improved 
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